Abstract-Piezoelectric bending actuators are an attractive option for driving microrobots due to their light weight, scalability, ease of integration, and high bandwidth. However, the only existing energy or power output measurements for piezoelectric bending actuators have been extrapolated from dc values or unloaded ac values, and are most likely overestimates. For microrobot applications such as flapping flight, accurate measures of power density are critical for design variables. In this paper, to properly measure the energy output of a 10-mg piezoelectric actuator, a custom dynamometer is designed and constructed to directly measure the power output at various frequencies and conditions. The dynamometer can simulate resonance with a tunable resistive (damping) load at frequencies from 1 to 100 Hz. It was found that due to low internal damping and fracture limits, actuators cannot be run in the damping matched condition at high fields ( >1 V/µm). Using the device, energy output per cycle at a drive field of 1.6 V/µm was measured to be a maximum of 19.1 µJ/cycle (232-µm amplitude, 30 Hz), giving a delivered energy density per cycle of 1.89 J/kg. Internal actuator damping was measured at 1 V/µm to account for an energy loss of only 0.21 µJ per cycle (232-µm amplitude, 30 Hz). These results are the first measurement of real power output of a piezoelectric bending actuator operating in real-world conditions (at ac and driven by high fields), and demonstrate power output measurement techniques that are applicable to other miniature actuators that are designed for operation in resonance.
I. INTRODUCTION
A CTUATORS are a key component in mechatronic systems, for example, see [2] , [11] , and [18] . For many mechatronic applications, precision and bandwidth are the most important characteristics; however, for mobile robotics applications, power density is one of the most important parameters. While piezoelectric actuators such as cantilever single and double structures have been widely considered for precision motion applications, e.g., [4] and [10] , they can also be suitable for small mobile robots with high operation frequencies if the power density is high enough. While dc characteristics of piezo actuators can be reasonably predicted and are widely reported, ac power density for cantilever actuators has not been measured previously. In this paper, we present a dynamometer for measuring real ac power delivery from a 10-mg piezoelectric actuator. AC characterization of actuators and sensors [3] is generally done in the sinusoidal steady state. Piezoelectric bending actuators have been utilized in many areas of robotics, such as to flap the wings of a microair vehicle (in [26] , shown in Fig. 1 (b) of this paper), to actuate control surfaces for indoor slow fliers [27] , and even as motors for legged microrobots ( [19] , shown in Fig. 1 (a) of this paper, [8] ). However, in dynamic microrobots where lightweight, high-power actuators are necessary for locomotion, and hence, piezoelectric actuators are the main source of actuation, the mechanical power output of these actuators is still unknown.
Several researchers have addressed issues regarding power output and power density for piezoelectric actuators. In the field of piezoelectric transformers, efficiency limitations are discussed in [6] . Pomirleanu [16] has reported power outputs for piezoelectric stack actuators, but only for quasi-static conditions (which from experience is likely an overestimate).
Near [13] has extrapolated constituent equations to predict power output for popular bimorph and other piezoelectric actuators (such as RAINBOW). However, state-of-the-art in modeling (and indirectly predicting the power output) of piezoelectric actuators in [9] relies on the assumptions that the actuators are driven at low fields and strains (the model in [9] , for instance, extends the basic models of [7] intended for piezoelectric actuators used for micromanipulation/micropositioning). Although these dynamic models include expressions for hysteresis, they do not address high-field (>0.1 V/µm up to 3.4 V/µm in this paper) behaviors such as saturation, a reduction in the Young's modulus of the material, or an increase in the d 31 parameter of the piezoelectric material (noted in [22] and [23] ).
Since models are not available to predict piezoelectric bending actuator power output at high fields, an experimental approach using a custom dynamometer was adopted. The dynamometer consists of a drive actuator, a force sensing spring, two position sensors, and a device under test. A particular challenge for force measurement is ensuring a free-pivot boundary condition at the distal end of the actuator. The drive actuator applies appropriate amplitude and phase to simulate desired load conditions for the device under test, in particular, the pure dissipative load, representing an optimally matched impedance. (For the envisioned applications, while the piezo actuator system is run at mechanical resonance, this resonant frequency is significantly below the first actuator bending mode resonance.) The actuators tested here weigh approximately 10 mg and are composed of lead zirconate titanate (PZT)-5H actuation layers (from Piezo Systems, Inc.) with a carbon fiber elastic layer and glass fiber/carbon fiber extension, as shown in Fig. 2 (further details on the materials and geometries can be found in [28] ), and are used to actuate the wings of a micromechanical flying insect (MFI) [26] .
The paper is organized as follows. A tunable dynamometer was designed and is presented in Section II to actively measure force and displacement of an actuator, and therefore, compute energy output. The dynamometer contains another actuator that can actively simulate various loads (varying stiffness, mass, and damping). After describing the dynamometer (Section III) and verifying its behavior (Sections IV and V), the device under test (DUT actuator) was tested at frequencies up to 100 Hz to explore the actuator's power output behavior as frequency, displacement, and voltage drive level were varied. Results are presented in Section VI, followed by suggested actuator improvements, conclusions, and future work in Sections VII and VIII.
II. DYNAMOMETER DESIGN
To control the applied force on the DUT running up to 100 Hz, another (larger) actuator (denoted the Driver actuator) is needed with a bandwidth above the desired operating frequency. In order for a piezoelectric actuator to run in a reasonably efficient way, it must be used as if it was driving a load at resonance [20] . In order to do so, the Driver actuator in the dynamometer must simulate various stiffnesses and masses for resonance, in addition to acting as a desired damping value. This allows the choice of both the resonant frequency and oscillation amplitude of the actuator under test. 
TABLE I SECOND-ORDER BEST-FIT MODEL PARAMETERS
A piezoelectric Driver actuator is attached to the DUT via a lightweight spring with a known spring constant. The Driver actuator is by design much larger than the DUT actuator so that it can completely dominate the stiffness, mass, and damping of the DUT to test the DUT under a wide variety of loading conditions. Custom optical position sensors accurate to about 1 µm are used to monitor the position of both actuators [21] . The setup appears in Fig. 3 . It is important to note that the spring is not the load that the DUT sees; it merely functions as a force sensor.
A. Dynamic Model of a Piezoelectric Bending Actuator
A piezoelectric bending actuator was modeled as a force source (representing the piezoelectric plate) in parallel with a spring (representing the elastic layer) as in Fig. 4 [25] . At high frequencies, piezoelectric damping losses (coming from a variety of sources such as the matrix in the composite layers, hysteresis, and other piezoelectric nonlinearities) and mass of the actuator are included. In this case, the mass term is an equivalent mass derived from the distributed mass of the actuator.
This simple second-order model is far from an exact model for the actuator in that it does not contain any direct expressions for creep, hysteresis, or saturation. However, if the model is fit to the experimental frequency response of an actuator (with appropriate stiffness, mass, and damping via least squares in Table I ), Fig. 5 shows that the second-order model is a fair approximation of the bending actuator when it is driven unloaded at low fields. The resonant peak of the actuator is significantly wider than the model's and slightly asymmetric; this can be explained by both softening in the actuator at high displacements, which the model does not account for, and nonlinear (frequency dependent) internal damping in the material. Up to the resonant peak, however, a second-order model is sufficient to properly predict the frequency response of the actuator. Fig. 5 shows the first resonance of the actuator at 3300 Hz. As this frequency is an order of magnitude higher than any envisioned microrobot drive frequency, only the first bending mode of the beam needs to be considered, and hence, we do not consider the higher order bending modes considered in [15] and [17] .
B. Dynamic Model of Entire Dynamometer
Using the simple model for a single piezoelectric bending actuator in Fig. 4 and applying it to the proposed dynamometer in Fig. 3 results in the complete model in Fig. 6 . Here, the mass and damping in the connecting spring (functioning as a force sensor) are included for completeness.
The work output of the DUT in the setup of Fig. 6 can be expressed as
where F DUT is the force output of the DUT. For periodic inputs (such as for a wing drive for the MFI), this can be expressed in terms of velocity and time as where W is energy output per oscillation cycle. For sinusoidal drive at frequencies below the first bending mode of the actuator (3300 Hz), nonlinearities in stiffness and damping will give rise to periodic waveforms with high frequency content. Using the definition of Fourier series [14] , the actuator positions x 1 and x 2 can be represented as the sum of their sinusoidal harmonics
where ω o is the fundamental drive frequency. The net force output of the DUT can be expressed, in general, as
The work done per cycle in harmonic n for the DUT is
where
and
W k,n is the energy per cycle provided by the DUT measured by the spring in harmonic n, W b,n is the energy dissipated by the damper in the connecting spring, and W m ,n is the energy in each harmonic n that is transferred from the DUT to be absorbed by the Driver due to the mass in the connecting spring. It is very important to note that W k,n is not zero because it is driven by another source (the Driver) rather than connected to ground, and only the work output of the DUT is included in the expression for W k,n . The total energy output per cycle at the fundamental frequency ω o (W ) and total power output P of the DUT can then be written as
where for total energy in one cycle at ω o , the total includes two cycles at 2ω o , three cycles at 3ω o , etc. The values of mass and damping in (9) and (10) are difficult to predict. By choosing
where ω o is the drive frequency, W b,n and W m ,n of (7) can be disregarded. Therefore, when constructing the force sensing spring, b sp and m sp are designed to be small so that the system can be run up to 100 Hz. It is important to note that throughout this analysis and design, the Driver's damping, inertia, and spring properties do not enter in the energy delivery calculations. These parameters would need to be measured with another dynamometer.
C. Extraction of Equivalent DUT Damping
If the DUT is modeled as shown in Fig. 4 with the only loss mechanism of a velocity-dependent internal damping element, the value of this damper can be extracted from the power output measurements from the dynamometer. It is important to note that the energy output derivation of Section II-B does not assume a simple linear damping element in the DUT. Rather, it is the total mechanical energy output of the DUT in all harmonics, which does not need an internal loss model for the actuator.
At resonance, the internal force source of the actuator works only on its own internal damping and the simulated damping introduced by the driver shown in Fig. 7 . At frequencies below the resonant frequency of the device, the connecting spring mass and damping can be neglected. Below its bandwidth (approximately 1 kHz), the driver actuator provides simulated mass to resonate the structure and a desired load damping, so its internal spring, mass, and damping can be neglected. This effectively reduces the sixth-order system of Fig. 6 to a second-order resonance, and a second-order model is thus used.
With an internal actuator damping b act and a simulated load damping b load , the work output of the DUT is given by where A 1 is the oscillation amplitude of the DUT. At resonance
If the internal force source of the actuator and the internal damping are linear, the work output of the actuator can be derived in terms of the internal damping of the actuator. The force source can be expressed as
Combining with (14) and (15), the work output of the actuator for a given voltage drive is
This energy output expression predicts a parabolic relationship between energy output and DUT amplitude. The maximum of this expression would occur when the internal actuator damping b act matches the total load damping that the actuator is driving.
III. DYNAMOMETER CONSTRUCTION
The Driver actuator is constructed similarly to the DUT, except the size is scaled up. The connecting spring has several design requirements. Some were listed earlier in terms of its mass and damping and linearity. The spring also needs to connect to both actuators in such a way that their bending does not cause any type of binding in the system. In theory, this is simply achieved by putting pin joints at the attachment points of the two actuators (as is shown in Fig. 3 ), but in practice, at this scale, pin joints have hysteresis and friction, and also weigh too much. Finally, the spring needs to be removable from the DUT and Driver actuator so that the DUT can be repeatedly changed.
A computer-aided design (CAD) model of the connecting spring is shown in Fig. 8 ; the actual constructed spring is shown in Fig. 9 . The spring is made of carbon fiber bent around a mold during curing, then glued to two separate, smaller arcs cured in the same manner. The main span is the linear spring element; the two arcs at the end of the spring relieve the moment due to bending of the two actuators by employing Kevlar fiber, strung tightly between the arcs. The Kevlar fiber is very compliant to moments since it is made up of several threads that are wound together. Since the actuators are not perfectly parallel, the string also serves to allow small off-axis deflections. Stiff carbon fiber planks were glued permanently onto the Kevlar string to attach the planar ends of the actuators with a low melting point plastic, which serves as a removable mount through heating for different DUTs.
The entire dynamometer with both actuators, connecting spring, and position sensors is shown in Fig. 10 . Both the Driver and DUT bimorph actuators were embedded at their base in fiber-reinforced polyurethane for a solid ground. Horizontal and vertical micropositioning stages were employed to line up the spring prior to attachment. To calculate the spring constant of the connecting spring (which can vary slightly for different attachments), each DUT was actuated after it was connected to the setup and the Driver deflection was monitored. Since the same Driver was always used, its stiffness was measured a priori (k Driver = 475 N/m at 125 V, chosen to be the neutral position of the dynamometer). If the DUT tip displaced x 1 , and the Driver displaced x 2 and had stiffness k Driver , the stiffness of the connecting spring k sp was
Noting that this expression requires the subtraction of two rather small displacements in its denominator, the stiffness of the connecting spring was matched to the Driver actuator so that the expression in (18) does not vary widely with small displacement errors (average k sp = 400 N/m).
Estimates were made for the effective mass and damping of the spring through frequency analysis. It was found that the spring mass is on the order of 10 −6 kg, and the connecting spring damping is on the order of 10 −5 Ns/m. For ω o = 628 rad/s (100 Hz), DUT amplitude A 1 = 100 µm and Driver amplitude of B 1 = 150 µ m, the energy per cycle measured by the spring is approximately 19 µJ. Up through the sixth harmonic (n = 6), the total energy in the mass and damping of the connecting spring is less than 10% of the energy measured by the spring, so both can be validly disregarded below a frequency of nω o = 3768 rad/s.
IV. TESTING METHODS
The scheme shown in Fig. 11 was used to drive the DUT. The scheme is denoted by a "simultaneous" driver as the relative field on both PZT plates is controlled by V d while V b is constant, as discussed in [28] . For all tests, the minimum bias Fig. 11 to keep the polarization in the correct direction. In past experiments, it was noted that mechanical depolarization can reduce the performance of bimorph bending actuators; this minimum electrical polarization field is meant to alleviate the issue. For drive amplitudes more than 125 V, the bias voltage V b and the dc offset on the drive signal V d are increased to always have a minimum of 30 V on each PZT plate in the correct polarization direction.
To control the DUT and Driver actuator voltages and monitor the sensor outputs, Matlab XPC Target running on a standalone acquisition computer was utilized along with a Quanser Computing Q8 analog-to-digital (A/D) digital-to-analog (D/A) real-time control board. The real-time computer was sampling at 15 kHz, well above test frequencies. As mentioned earlier, the positions of the two actuators were monitored by analog signals from custom optical reflective position sensors [21] , which have bandwidths over 3 kHz.
A. Iterative Resonance Technique
For a given sinusoidal drive on the DUT, sinusoids of varying amplitudes (and phases) on the Driver makes the DUT resonate at different amplitudes. DUT resonance is defined as the drive voltage of the DUT being 90
• out of phase with the position of the DUT. If the values of the Driver stiffness, damping, and mass, and the DUT stiffness, damping, and mass along with the connecting spring stiffness are known, an analytical prediction for the Driver signal for resonance could be formulated. However, using the iterative method described here requires no knowledge of any of these variables except the Driver stiffness at a constant voltage to extract power output.
In the iterative technique for resonance, first the DUT drive sinusoid amplitude is fixed (and called 0 phase). An amplitude • out of phase. When the resonance condition is achieved, the amplitude of the DUT can change considerably, so the drive amplitude of the Driver is tuned and the phase is iterated further until resonance at the desired amplitude is achieved. The energy output at this condition is now calculated by (11) , using the positions of the two actuators and the spring constant of the connecting spring. This technique was performed manually for all test results presented here, but could easily be automated if a larger number of tests is necessary.
V. DYNAMOMETER VERIFICATION
Once the dynamometer was constructed, some simple test cases were used to verify that it was behaving as desired.
A. Bandwidth Verification
The bandwidth of the entire system was tested when the DUT and Driver were simultaneously connected through k sp . As can be seen from Fig. 12 , the resonant frequency of the system was approximately 320 Hz, which satisfies the requirement of being over 100 Hz (note that the positions x 1 and x 2 are 180
• out of phase at dc due to the positive directions of the two displacements shown in Fig. 3 being in opposite directions) . The system had a very high mechanical Q; this means that it was very easy to excite the main resonant mode when driving at lower frequencies. Thus, to avoid resonances from second and third harmonics of the drive, drive signals <100 Hz were used. In practice, even driving the structure at 100 Hz excited some minor resonances. Second and third harmonic compensations were injected manually into the Driver actuator so that the overall motion had negligible frequency content outside of the main drive frequency. To avoid the manual injection of higher harmonics, most of the tests were run at 30 Hz where excitation of higher harmonics in the system was minimal. Higher frequency drives are explored in a later section using manual harmonic tuning.
B. Verification of Maximum Power at Resonance
At resonance, the total spring and mass of a dynamic system not only produce and absorb no net energy per cycle (which is true of any periodic steady-state system), but also have no net reactive power. At the resonant frequency, the actuator provides no force during the cycle to keep a lossless mass/spring system resonating. Under this condition, the actuator performs work only on its internal damping and the load damping. Therefore, if the energy output per cycle of the DUT is calculated from (8) (again only W k,n from (8) is included), a peak when the phase difference between the input voltage and the DUT position is 90
• should be observed. As seen in Fig. 13 , indeed the power output of the DUT is maximum at a 90
• phase difference within an allowable phase error (about 1
• ). To simulate resonance here and throughout these tests, the driver actuator is adding virtual mass to the system to reduce its natural resonant frequency.
C. Sample Work Loop
A work loop was plotted in Fig. 14 to further verify the system's behavior. As one can see, the standard work loop curve is observed (see [1] , [5] , or [12] for more on actuator or muscle work loops). The useful work that is reported later in this paper (for this trial, 5.9 µJ per cycle) is the area inside the work loop of Fig. 14. The shape of the work loop is not perfectly symmetric due to expected hysteresis. However, the work output in the first harmonic is approximately 11 times larger than the work output in the next highest harmonic (the second harmonic) in these data. For all experimental data presented here, work output in the first harmonic was verified to be over 90% of the total work given by (11) through the fifth harmonic. Thus, the force source of the actuator was assumed to linearly vary with the voltage input to the actuator, as was assumed in Section II-C. 
VI. POWER OUTPUT MEASUREMENTS
From the frequency response tests of [28] , 10-mm, 10-mg actuators are expected to fracture at an average motion amplitude of 190 µm when resonating. Their fracture is governed by the externally applied load, applied field, and initial crack size along the edge of the piezoelectric plate. Since these variables are not always well known (especially initial crack size), the experimental motion amplitude for fracture of 190 µm is used rather than a fracture prediction. To make sure each actuator survives all the tests, a factor of safety is included here to only run the DUTs up to 150 µm of amplitude. The measured power output at simulated resonance (90
• phase shift) for each point at 30 Hz for a typical 10-mm actuator is shown in Fig. 15 . At a fixed voltage, the simulated damping is sequentially reduced so that power can be measured at increasing DUT amplitudes.
Several interesting observations can be made from Fig. 15 . First, one can see that the power output is saturating at very high Fitting the linear model derived in Section II-C via least squares to the data yields the curves in Fig. 15 . These curves are again work output parabolas, and reach their maximum when the load damping matches the internal actuator damping. However, the peak of these parabolas would only be observed if the actuator could withstand much more than 150 µm of motion; only the very front edge of each parabola is observable. The parabola would reach its maximum value for much larger values of motion amplitude than can be realized due to actuator fracture. Therefore, b DUT cannot be accurately extracted because the data are ill-conditioned to fit the amplitude squared term of (17) .
Energy output for five actuators was measured and plotted in Fig. 16 . Deviation is observed due to both measurement error and variations in hand assembly. To address variations in hand assembly, the slopes of the best fit lines [the linear part of (17) ] are shown in Table II . The slope mean is 0.0632 µJ/µm with a standard deviation of 0.0054 µJ/µm (or 8.54% of the mean slope). Deviation in actuator performance due to variation in assembly is thus not a significant performance issue.
Fitting just one slope line to all the data for the five actuators can address hand assembly variation and measurement error together. The linear part of (17) was fit to all the actuator data via least squares. The absolute value of the error from each data point to the least squares fit mean was calculated and divided by the least squares fit value at that specific amplitude to find a percentage error vector. The standard deviation of this percentage error vector is given in Table III .
A. Extrapolation to Higher Frequencies
All results presented thus far were run at 30 Hz to avoid bandwidth/harmonic limitations discussed in Section V. To find the behavior of the actuator at higher frequencies, and to again verify that the spring mass and damper energy terms [(10) and (9)] are not needed, the DUT was driven at a constant voltage amplitude and kept at a constant displacement (in this case, 125-V amplitude drive, 100-µm amplitude displacement) with the Driver. The frequency was varied between 20 and 100 Hz, and energy output of the DUT was taken at resonance (90
• phase) for each frequency, as seen in Fig. 17 . Fig. 17 is the work done per cycle on the load damping, given by (14) , and not the work done by the DUT on its own internal damping. However, since the displacement and voltage drive are kept constant, for all frequencies, the work output per cycle should be a constant and would equal the total work done by the internal force source of the DUT, or
The internal damping in the DUT actuator b DUT can then be extracted through a least squares fit of the slope of the data in Fig. 17 , which is also plotted. When the two slopes are averaged, at 125-V drive, b DUT = 0.0066 Ns/m. This value corresponds only to a 3% loss in energy output from 20 Hz compared with 100 Hz for the 100-µm amplitude, 125-V trial. It is important to note that again the mass and damping of the spring were neglected, so strictly speaking, this value of b DUT is an upper bound, but the mass of the spring is very small and its damping is negligible simply through its construction as discussed earlier.
VII. IMPROVEMENTS TO ACTUATOR PERFORMANCE
In recent findings [24] , it was shown that a special cutting technique could reduce the size of edge cracks along the bimorph actuators that govern their fracture. The technique involved scoring the PZT-5H using laser micromachining, then cleaving the edge on the score line. When the actuators were assembled, the cleaved edge (most likely containing fewer or smaller microcracks) faced outward on the actuator, where the maximum strain takes place. In principle, this could increase the amplitude at which the actuators fracture, and therefore, increase their power density by allowing them to be run at higher displacement.
As seen from Fig. 18 , the performance of the actuators made with this process improved significantly, and not just by increasing the available displacement before fracture. In fact, the power output of the actuator was significantly better at all amplitudes. It is hypothesized that since the actuators are very small (1.5 mm wide at the base), edge crack effects are probably very significant; thus, performance can be improved tremendously by reducing these edge cracks through the mentioned cleaving process. Fig. 18 includes results from three of the improved actuators, but even a larger driver actuator than used in previous tests could not test these actuators to fracture. Therefore, the maximum energy output per cycle shown in Fig. 18 of 19.1 µJ/cycle is only a lower bound until the actuators can be tested to fracture. The standard actuators were easily fractured if tested beyond 150 µm.
VIII. CONCLUSION
We have achieved several milestones regarding measuring the power output of miniature piezoelectric bending actuators. To our knowledge, this is the first active measurement of force and displacement of piezo bending actuators up to 100 Hz. The dynamometer designed here has the capability of simulating any reasonable magnitude real or reactive load that one wishes to drive. This capability was used to simulate piezoelectric actuators driving a load at resonance.
Regarding the power output of our piezoelectric actuators, it has been shown that the internal damping of the actuator is not a significant source of loss in the actuators. For maximum power output, the actuators should be run at very high voltage amplitudes (200 V or 1.6 V/µm). The maximum energy output results are listed in Table IV . The reader is also encouraged to note that the predicted value for energy density in Table IV is itself extrapolated from dc predictions and does not include losses in the material, and therefore, is most likely not attainable since the actuator is oscillating.
Unfortunately, it has been shown that the actuators cannot be run with a matched load damping for maximum power transfer; this would require that the actuators go through high displacements that have been shown to fracture them. However, increasing the actuator amplitude before fracture would directly lead to higher energy outputs; this can be achieved by reducing microcracking at the edge of the PZT plates comprising the actuators. When this was realized with a new manufacturing process involving cleaving the actuator, both energy output at lower amplitudes and increased amplitude at fracture were indeed observed. However, the actuators were not tested all the way to fracture, so the energy output shown (19.1 µJ/cycle) is only a lower bound.
Considering the agreement between the predicted and observed actuator characteristics shown in Table IV , it is also important to note that behavior for different actuator sizes and geometries can be predicted from the results of [28] using the predicted free displacement
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and the blocked force given by 
The expressions of (20) and (21) are generalized for arbitrary actuator size and geometry. The reader is referred to [28] for all notation in the previous expressions and additional predictions for energy output and other actuator characteristics. If the actuators are operated at 275 Hz, the "improved" actuators in Table IV Finally, we conclude that with a proper transmission mechanism, PZT-5H is a viable actuation material for a variety of microrobots, even for demanding applications such as in flapping flight. Since the energy output per cycle of these actuators does not significantly suffer from an increase in frequency, they are especially suited for high-frequency actuation applications.
